Introduction
Recent advancements in electronics technology produced nanometer-sized electronic circuits enabling advanced electronics. These innovations lead to smaller electronics with much functionality leading to higher heat fluxes than ever. However, thermal real estate has been shrinking, and scientists have been investigating advanced cooling techniques [1, 2] . Cost, size, reliability, and availability have been major constraints. While earlier research has focused on developing a fundamental understanding of convection cooling, most recently novel small-scale cooling devices have been of interest. Technologies such as piezo fans [3] , smallscale rotary fans [4] , ionic winds [2] , and synthetic jets [5, 6] have been investigated over the last 20 years.
Synthetic jets are small-scale turbulent jets formed from periodic suction and ejection of the ambient air. The operation of synthetic jets is schematically shown in Figs. 1(a) and 1(b). Synthetic jets are historically used for applications involving flow control [7, 8] and triggering turbulence in boundary layers [9] . The research of synthetic jets for heat transfer applications dates back to early 1980s, when Gutmark et al. [10] presented the first heat transfer data on using synthetic jets.
Recently, thermal researchers have shown rising interest in synthetic jets, as the small size of these devices accompanied by a high air velocity provides an exciting opportunity to significantly reduce the size of thermal management hardware in electronics.
Additionally, the unsteady flow generated by synthetic jets has been proven to provide more effective cooling performance than steady air flow [11, 12] . The results show that synthetic jets can provide significantly higher cooling than steady jets, which is attributed to the superior performance of synthetic jets to vortex shedding associated with the unsteady flow. The heat transfer applications of synthetic jets can be generally divided into two categories. In the first category, the cooling process is driven by the air flow of synthetic jets over heated surfaces. In the second category, synthetic jets are employed to enhance the performance of existing cooling processes.
Previous studies in the first category focused on the perpendicular impingement of synthetic jet over small heated surfaces [11, [13] [14] [15] . It is believed that the cooling of small area benefits from the direct impingement of vortex-dipoles on heated surfaces. Pavlova and Amitay [11] experimentally studied synthetic jet impingement cooling of a constant heat flux surface and investigated the effects of frequency, Reynolds number, and nozzle-tosurface distances. Chaudhari et al. [14] studied the impingement cooling using synthetic jets with varied orifice shapes including square, circular, and rectangular. Persoons et al. [15] focused on the heat transfer at the stagnation point of the axisymmetric impingement of synthetic jets and proposed a general correlation for the stagnation point Nusselt number. Research effort was also reported to develop heat transfer correlation for impingement cooling as a function of jet geometry, position, and operating conditions of synthetic jet [16] .
In the second category, most research effort has been devoted to using synthetic jets to enhance the existing forced convection cooling [17] [18] [19] [20] [21] . For example, Utturkar et al. [17] presented the cooling performance of synthetic jets complementing forced convection from a fan. Both experiments and computational fluid dynamics (CFD) computations were performed to investigate the interaction of the jet flow field with a cross flow generated by the fan. The experimental study by Zhang et al. [20] focused on the conjugate heat transfer characteristics under an impinging flow of synthetic jet and a steady parallel flow over a flat heated surface. Akdag et al. [21] experimentally investigated the heat transfer of a forced parallel flow over a flat surface with a transverse synthetic jet flow placed at the leading edge of the surface.
In the second category, another existing cooling process is free convection air cooling, which is the method of choice for many low power electronics applications due to cost, availability, and reliability advantages. However, its performance is very limited due to the buoyancy-dependent flow. Additionally, most thermal management solutions relying on free convection feature relatively large heat transfer areas. One example is the avionics chassis, which depends on free convection over their external finned surfaces. If synthetic jets can be used to enhance the free convection cooling over the large surfaces, the devices could function at higher power levels [22] . The interaction of synthetic jet flow and the buoyancy flow must be taken into account [23] , which depends on the orientation and placement of the synthetic jet. One option is impingement cooling. However, the impingement cooling of synthetic jets decreases when the surface gets large. The decreasing cooling performance is also accompanied by a nonuniform temperature distribution across the large surface. There are limited data sets available for synthetic jet application on large surfaces, particularly large heat sink surfaces.
The focus of the present work is on synthetic jet application for improving the free convection air cooling over a large heat sink surface. Although this cooling concept has been widely used in the electronic cooling industry, limited experimental work has been done to develop a fundamental understanding of the interaction between buoyancy flow and synthetic jet flow, which is important for enhancing the cooling performance. In the present study, an experimental setup is designed and built to understand the synthetic jet cooling of fin arrays. Thermal tests are conducted to investigate the heat transfer from a vertical hot heat sink to its ambient. Synthetic jets generate pulsated air flow, which is parallel to the heat sink, against gravity and in the same direction of buoyancy flow. High-resolution thermal images are taken to obtain detailed temperature distribution. Both convection and radiation heat transfer modes are considered to calculate the enhancement of convection heat transfer. Heat transfer enhancement is quantitatively evaluated for varied jet orifice sizes, jet placements, and numbers of jets.
Methodologies
2.1 Experimental Methodology. Figure 1(c) shows one synthetic jet made up of two circular piezoelectric actuators. Two different orifice sizes (orifice length x3 as shown in Fig. 1(c) ), 8 mm and 15 mm, are used in the tests. For all the jets, the orifice width is $1 mm. Both types of jets are operated with a 0-to-peak voltage amplitude of 85 V and frequency of 500 Hz. The mean power, P sj , is measured to be 770 mW for the 15 mm jet and 350 mW for the 8 mm jet. The center out-of-plane deflection of the piezoelectric actuator depends on the orifice size. Using a laser vibrometer, the deflection amplitude is measured to be $150 lm for the 15 mm jet and $100 lm for the 8 mm jet. The air flow velocity versus time is measured using a constant temperature hotwire anemometer (IFA300, TSI). A single wire boundary layer type hotwire probe is positioned 0.5 mm away from the jet orifice. The probe is orientated to be perpendicular to the plane containing the piezoelectric actuators and located at the center of the orifice length. The effective section of the probe is $1 mm long, which is equal to the orifice width. Hence, the probe is completely immersed in airflow. The peak velocity, denoted by U, is measured to be approximately 44 m/s for the 8 mm jet and 26 m/s for the 15 mm jet. The higher velocity for the 8 mm jet is due to the small orifice opening.
The heat sink tested in the present work is made up of aluminum plate fins. The aluminum has a thermal conductivity k ¼ 210 W=m K. As shown by Fig. 2(a) , on the 193 mm Â 147 mm area, there are 12 fins. The total area of the finned surface, denoted by A, has been calculated to be 77,470 mm 2 , around 2.7 times greater than the planar area. Detailed fin profile is shown in Fig. 2(b) , which provides a cross section view of the heat sink. The values of fin height (z), spacing (s), thickness (t), width (L), and base thickness (b) can be found in Fig. 2(a) .
During the thermal tests, the heat sink is held vertically, with the fins parallel to the gravity vector as shown by Fig. 2(a) . The synthetic jet is placed below the heat sink, and the piezoelectric disks are in parallel with the base plate of the heat sink and located half way of the fin height. Therefore, the synthetic jet generates an upward air flow, which flows along the fins concurrent with the buoyancy flow. Details of jet placement will be described later for single-jet and multiple-jet tests.
The fin efficiency can be evaluated using [24] 
where h is an effective heat transfer coefficient including both convection and radiation heat transfer modes. The fin height has been corrected to compensate for active tip condition. Additionally, simplification has been applied by considering t ( L. For all the tests in the present work, h, both local and average, roughly ranges from 10 to 40 W/m 2 K, and g f , therefore, falls in between 0.996 and 0.986. Hence, the thermal conduction resistance inside the fins can be neglected in our analysis.
As shown in Fig. 2 (a), a Kapton foil heater is attached to the back of the heat sink. To minimize heat loss, thermal insulation material (wrapped acrylic fiber with a 1 cm thickness) is used to cover the heater. All the tests reported in the present work are carried out with constant heat load, for which the heater power is maintained at 44.8 W. Due to the high fin efficiency as calculated above, the total finned area is used to calculate the average heat flux, q 00 ¼ 578 W=m 2 . An IR camera (FLIR SC3000) is used to measure the surface temperature of the heat sink. To increase measurement accuracy, the heat sink is painted with high emissivity black paint and the emissivity of which is calibrated to be 0.97 using the method described in a previous study [25] . Another calibration is performed after heat sink has been painted. Figure 3 shows the calibration data, IR temperature measurement matching T-type thermocouple readings. The accuracy of IR temperature measurement is considered in the uncertainty analysis, which is presented in Sec. 4. The IR camera is held orthogonal to the front surface of the heat sink. The temperature of ambient air (T a ) is read with a thermocouple located 0.3 m from the plate. This temperature is used as air temperature for convection heat transfer analysis.
Each test reported in the present work is conducted in two steps, a jet-off step followed by a jet-on step. The heater is first switched on, and the heat sink is allowed to reach a steady state when the IR camera shows the fluctuation of average temperature less than 0.5 C. Steady-state IR image of the heat sink is taken to record the temperature distribution (T f ;1 ). The temperature of ambient air (T a;1 ) is recorded simultaneously with an Agilent data acquisition system. The second step starts when the synthetic jet is turned on. The heat sink temperature reached steady state after $30 min. And then another IR image is taken to record the temperature distribution (T f ;2 ) under the cooling of synthetic jet. The temperature of ambient air (T a;2 ) is recorded simultaneously. Here, a subscript i ¼ 1; 2 is used to differentiate the jet-off condition and jet-on condition.
2.2 Method for Heat Transfer Analysis. IR images are processed to obtain local surface temperature, and each image provides over 27,000 data points. The data of local temperature are also used to calculate effective heat transfer coefficient using
Here, the subscript i ¼ 1 for jet-off condition and i ¼ 2 for jeton condition. This effective heat transfer coefficient includes convection and radiation. The radiation heat transfer coefficient is
where e is the surface emissivity, r is the Stefan-Boltzmann constant, and c is the view factor from the heat sink to ambient. A constant surrounding temperature T s ¼ 20 C is used for all the tests. Based on the dimensions shown in Fig. 2(b) , the overall view factor can be calculated using
There are two other view factors in the above equation: view factor from base to fin (c bÀf ), and view factor from fin to fin (c f Àf ), which are given by [24] c f Àf ¼
For the heat sink tested in the present work, the overall view factor was c ¼ 0:37. Although the overall view factor is a global parameter related to the entire heat sink, for simplicity, this view factor is used in Eq. (3) for evaluating local radiation heat transfer. In the present work, the radiation heat transfer is significant in free convection cooling (jet-off), but relatively less significant for enhanced cooling (jet-on). Then, the local convection heat transfer coefficient can be obtained by
In our analysis, to quantify the augmentation effect of synthetic jet on convection heat transfer, an enhancement factor for convection heat transfer is defined as 
Here, E F;c is the local enhancement. For the entire heat sink, an overall enhancement factor is defined as
where the average convection heat transfer coefficient is obtained by
In our data analysis, Eq. (10) is applied by averaging all the calculated local heat transfer coefficients.
The equations above form a method for analyzing heat transfer enhancement both locally and globally. The method is based on uniform heat flux. To test this assumption, we consider the Biot number given by Bi ¼ hA kWb=L (12) which is the ratio of two heat transfer resistances: the resistance to heat spreading across the heat sink and the resistance to heat transfer from the heat sink. Here, L, W, and b, as shown in Fig. 2(a) , are the length, width, and thickness of the heat sink base, respectively. The spreading resistance is defined using the heat sink length L as the conduction path. This is because the synthetic jets are placed under the bottom edge of the heat sink, and temperature gradient across the heat sink will mainly exist along the vertical length. For h ranging from 10 to 40 W/m 2 K, the Biot number given by Eq. (12) is within 1-5. For all the tests, most temperature distributions on the heat sink show temperature variation within 10 C, while temperature drops from heat sink to ambient are more than 30 C. Hence, heat spreading is not dominant but also not negligible. In other words, a cold spot on the heat sink actually draws heat from neighboring area, resulting in a local heat flux higher than the assumed uniform heat flux. But the above discussion indicates that the thermal pattern on the heat sink surface is still mainly determined by the local cooling. Since the major interest here is the cooling of the heat sink rather than determining hot spots, the assumption of uniform heat flux is still applied so that local heat transfer coefficient can be determined by using the relation given by Eq. (2). Figure 4 shows the jet-off steady state of one test. Figure 4 (a) presents the local temperatures (T f ;1 ), which roughly is within a range from 70 to 80 C. Ambient air temperature (T a;1 ) is measured to be 26
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C. The temperature distribution shows a lack of symmetry from left to right, which is because, during the test, the heat sink is held from the left (see Fig. 5(b) ). The heat loss due to this imperfect setup is included in the total heat loss for uncertainty analysis. To evaluate the asymmetric effect, the temperature data on the left half and right half of the heat sink are averaged to be 77. 7 C and 78 C, respectively. The small difference is only 0.5% of the temperature difference between the heat sink and the ambient. Doing this for all the tests in the present work shows that the percentage is lower than 1% for all the tests, and the effect, therefore, is neglected in the data analysis.
Based on the temperature data shown in Fig. 4(a) , Eq. (2) is used to calculate effective heat transfer coefficient, h 1 , which is presented in Fig. 4(b) . It can be seen that the effective heat transfer coefficient centers around 11 W/m 2 K. To evaluate the heat transfer contribution from free convection, Eq. (7) is used to obtain convection heat transfer coefficient, h c;1 , which is plotted in Fig. 4(c) . The uncertainty analysis to be presented in Sec. 4 shows an error of $65% for Fig. 4(c) . The values of h c;1 in Fig.  4 (c) are around 8 W/m 2 K. Therefore, in the case of free convection, radiation accounts for around 27% of the total heat transfer. The location of fins is visible from all the three maps in Fig. 4 . Vertically, more effective heat transfer exists at the upper and lower edges due to edge effects [26] .
For free convection, we consider the Grashof number (Gr), which is expressed by
where g is the gravity acceleration, b is the expansion coefficient, and t is the kinematic viscosity of air. Air properties at temperature ðT f ;1 þ T a;1 Þ=2 will be used hereinafter. The Grashof number is at the order of 10 7 , which indicates that the buoyancy-driven air flow is laminar in the present work. Therefore, in Fig. 4 the high temperature and low heat transfer coefficient zone at the center of the plate is due to the development of fluid and thermal boundaries.
For cooling using the synthetic jet, the cooling performance is dependent on the fluid dynamics of two flow configurations. The first one is the ejection of air flow out of the jet nozzle forming an air jet, while the second one is the air jet blowing along the surface of the heat source. Two Reynolds numbers are introduced here to characterize the two flow configurations. In the experimental tests, the air flow generated by the synthetic jet is turbulent flow calculated based on the peak jet flow. This can be determined by calculating the Reynolds number given by
where d $ 2 mm is the hydraulic diameter of the jet orifice. Re j at the order of 10 4 indicates turbulent flow at the orifice [27] . The interaction between the synthetic jet and the heat sink can be evaluated using another Reynolds number, which is
Calculation results in Re f at the order of 10 5 . When the heat sink is cooled by synthetic jet, the cooling is a mixed convection heat transfer. In the present work, the synthetic jet is in the same direction as the buoyancy flow, which forms an assisting combination of the forced convection and free convection. To evaluate the significance of each convection mechanism, we consider the Richardson number expressed by
which compares free convection to forced convection. In the present work, Ri is at the order of 10 À4 , showing dominance of forced convection over free convection [28] .
It should be noted that the tests are conducted in an open lab space. No attempt is made to block any natural air currents that occurred in the room. The natural current in the room measured by using the constant temperature hotwire anemometer is around 0.2 m/s, which gives Ri number around 1. This implies that free convection condition might be enhanced a bit by ambient airflow. This makes the measured enhancement over free convection more conservative than it would have been if the blockage had been attempted.
Results and Discussion
3.1 Experimental Results of Single-Jet Tests. Thermal tests with one synthetic jet are conducted. The objective of single-jet tests is to understand the effect of jet placement on cooling performance. Figure 5 schematically shows the placement of the jet. The jet is placed x1 below the bottom edge of the plate and half fin height from the fin base. Two distances x1 ¼ 2 and 10 mm are tested. Its horizontal position is roughly in the middle of the heat sink width and is indicated by x2, the distance between jet exit centerline and fin #6. It is called "on-fin" for x2 ¼ 0 and "between-fins" for x2 ¼ s=2. Synthetic jets with two orifice sizes x3 ¼ 8 and 15 mm are tested. Eight tests are required for this three-factor and two-level design of experiment (DOE), which are listed in Table 1 .
For each test, two IR images of the heat sink are taken: jet-off and jet-on. The images are processed to obtain temperature contours. Jet-on temperature values are presented in Fig. 6 . Figure  6 shows that using a synthetic jet reduces the heat sink temperature from approximately 80 C (see Fig. 4(a) ) to 60 C. Vertically, high temperature zone can be seen at the vertical center of the plate, which is similar to Fig. 4(a) . Horizontally, it is different from free convection, since low temperature concentrates around the horizontal center of the plate. For between-fins orientation, the low temperature zone is between fins #6 and #7; while for on-fin orientation, it includes the two channels between fins #5 and #7. The low temperature zones coincide with where airflow momentum concentrates, clearly showing the significant effect of forced convection. With on-fin orientation, the low temperature spot at the bottom end of fin #6 indicates the location of the synthetic jet.
The cooling patterns shown by the temperature contour in Fig. 6 can be related to the local convection heat transfer shown in Fig. 7 . The local convection heat transfer coefficient for jet-on cooling, h c;2 , is calculated using Eqs. (2), (3), and (7). Figure 7 shows that generally h c;2 ranges from $10 to $15 W=m 2 K, showing significant increase over free convection (h c;1 < 10 W=m 2 K in Fig. 4(c) ). Applying the uncertainty analysis shown in Sec. 4 shows an error of $65% for Fig. 7 . Figure 7 shows that the on-fin orientation results in more effective convection than the betweenfins orientation. This is because the on-fin orientation diverges the air jet, which results in a larger area cooled by the forced convection. Additionally, comparing the two columns of Fig. 7 indicates that the 15 mm jet shows better cooling performance than the 8 mm jet. One possible reason is related to the more diverged flow of the 15 mm jet due to its larger orifice. The other reason could be related to the air flow rate of the synthetic jet. Although the 15 mm jet has lower peak velocity, its volumetric flow rate could be higher than the 8 mm jet. This is supported by the larger deflection of the 15 mm jet measured by the laser vibrometer.
Based on the temperature data obtained from the jet-off IR images, the local convection heat transfer coefficient for jet-off, h c;1 , is calculated using Eqs. (2), (3), and (7). The jet-off data of T f ;1 and h c;1 corresponding to the tests shown in Fig. 6 are not presented here. However, they are close to the data of the representative test shown in Fig. 4 . Applying Eq. (8), the enhancement of convention heat transfer E F;c is then obtained and plotted in Fig. 8 . The following trends can be observed from Fig. 8: (1) The distribution of E F;c is symmetric about the centerline of jet exit. With between-fins orientation, E F;c is symmetric about fins #6 and #7, while for on-fin tests, the symmetry is about fin #6. (2) On-fin orientation causes larger enhanced areas than the between-fins orientation. (3) Although the 15 mm jet has lower peak velocity than the 8 mm jet, tests with the 15 mm jet show larger enhanced areas than those with the 8 mm jet. (4) From the tests with on-fin orientation, the enhanced area decreases from the bottom to top. Split by the fin at jet exit, the airflow quickly expands, hereby enhancing cooling for a large portion of the bottom region. Velocity continuously decreases, and, when reaching the top region, only the center flow has enough momentum to significantly enhance local cooling. (5) From the tests with between-fin orientation, one can see larger enhanced area in the top region. In this case, right after jet exit most of the airflow is confined between fins #6 and #7, where enhancement concentration is also observed. Due to jet expansion, the enhancement effect extends to a larger area in the top region. (6) Particularly for on-fin tests, the most significant enhancement occurs at the bottom center of the plate, where the airflow impinges and is split by fin #6.
To quantify the cooling enhancement for the entire heat sink, average convection heat transfer coefficients are calculated using Eq. (10), and then Eq. (9) is applied to obtain the overall enhancement (E F:c ) for each test. Figure 9 shows the overall enhancement factors of the eight single-jet tests, which range roughly from 1.6 to 1.9. The error bars are generated from the experimental uncertainty analysis, which will be presented in Sec. 4. Figure 9 shows the best cooling enhancement from the two tests with 15-mmorificee jet and on-fin orientation. However, two distances (x1 ¼ 2 and 10 mm) show almost no difference. To reduce the space taken by jet mounting, the shorter distance x1 ¼ 2 mm is preferred. Therefore, x1 ¼ 2 mm and x3 ¼ 15 mm with on-fin orientation are chosen for our multiple-jet tests. The overlap between error bars in Fig. 9 implies insignificant difference between the test conditions based on our measurement capabilities for the important parameters.
Experimental Results of Multiple-Jet Tests.
According to the results of single-jet tests, synthetic jets with 15 mm orifice are chosen for multiple-jet tests, and the jets are placed 2 mm below the heat sink. Figure 10 shows the DOE for multiple-jet tests. In terms of the number of jets, three configurations are tested, which include three jets (distributed every fourth fin), four jets (every third fin), and five jets (every other fin). The jets are placed with on-fin orientation. As shown in Fig. 10 , only the fourjet configuration has even fin coverage by the jets (perfect symmetry). For other conditions, jet placement is asymmetric with more toward the left side. Figure 11 (a) shows temperature contours of the three multiplejet tests. As compared to the single-jet cooling shown in Fig. 6 , significant temperature drop is caused by the cooling of multiple jets. It is clear that the temperature of heat sink decreases with increasing the number of jets. The temperature distribution is shown to be sensitive to jet placement. Symmetric contours are visible for the four-jet test, due to the even placement of the jets (see Fig. 10 ). For other tests, temperature on the left side is lower than that on the right side. This is due to the fact that the right side was less covered by the jets. The local convection heat transfer coefficient is calculated and presented in Fig. 11(b) with uncertainty $65% calculated in Sec. 4. Comparing to Fig. 7 shows significant increase of convection heat transfer coefficient ranging from $20 to 40 W=m 2 K. Local enhancement of convection heat transfer is shown in Fig. 11(c) . The enhancement effect is relatively uniform horizontally across the plate, but changes vertically. The most enhanced spots are visible in the bottom region, and the number and location of the spots coincide with the number and location of the jets (see the four-jet and five-jet tests).
Overall enhancement is assessed and shown as a function of number of jets (N) in Fig. 12 . The enhancement ranges from 3.3 to 4.8, significantly higher than the enhancement of single jet (compare to Fig. 9) . The enhancement increases with the number of jets. However, this trend decreases with increasing number of jets. Using three jets increases the cooling 3.3 times as much as the free convection cooling. Using four jets, the enhancement increases to 4.5 times and then to 4.8 times when five jets are used.
In the above analysis, the enhancement factor E F:c is used to quantitatively evaluate the cooling performance of mixed convection in comparison to that of free convection. Heat transfer due to radiation has been excluded, which is fundamentally necessary for determining the difference between the two convectional heat transfer mechanisms. However, practical interest might be in the actual augmentation of the cooling performance of the heat sink. In this case, another enhancement factor for total cooling including both convection and radiation heat transfer modes can be defined as
The average surface temperatures of the heat sink for both jetoff and jet-on conditions are
In the present work, Eq. (18) is applied by averaging all the data points of temperature.
The enhancement of total heat transfer E F;t is calculated and presented in Fig. 11 as well. The error bars come from the uncertainty analysis, which will be discussed in Sec. 4. It can be seen that E F;t ranges from 2.5 to 3.5 as the number of jets increases from three to five. Generally, the values of E F;t are around 25% lower than those of E F;c . For tests with constant heat load, radiation heat transfer is significant for free convection because of the high temperature of heat sink and becomes less significant when synthetic jets are used to cool the heat sink to low temperature. Hence, larger difference between the two types of enhancement factors is expected if synthetic jets generate stronger convection.
As shown in Fig. 12 , from three jets to four jets, the overall enhancement of convection heat transfer E F;c changes from 3.3 to 4.5, rising by 34%, while it increases by 0.3 from four jets to five jets. This indicates that the contribution per synthetic jet to the enhancement of convection cooling changes with the number of jets. For design optimization, the enhancement contribution per jet should be considered. Hence, we introduce an optimization parameter referred to as JIF, which is defined as
where N is the number of synthetic jets. For practical thermal designs, the total power consumption of synthetic jets needs to be taken into account. Usually, a cooling design using multiple synthetic jets needs to achieve an enhancement target E F;c , but has a power consumption limit, P max , as the design constraint. From Eq. (19) , such a cooling design can be expressed by E F;c À 1 JIF P sj P max (20) where P sj is the power consumption per jet. Despite being another form of Eq. (19), Eq. (20) shows the requirement for JIF from the thermal design perspective. It is clear that large values of JIF are needed for achieving high cooling enhancement with low power budget. Figure 13 shows the values of JIF for the three multiple-jet configurations, and the error bars are the errors of E F;c in Fig. 12 divided by N. The four-jet configuration shows the highest JIF as compared to the other two configurations. Comparison is also made to JIFðN ¼ 1Þ, which is obtained from the single-jet test (see Fig. 9 ). One can see that JIFðN ¼ 1Þ is larger than JIFðN ¼ 3Þ and JIFðN ¼ 5Þ, but close to JIFðN ¼ 4Þ. Figure 12 does not show a simple trend of JIF changing with N, mainly because of varied jet locations. However, JIF is an important parameter of optimization for synthetic jet enhanced cooling.
Uncertainty Analysis
Uncertainties have been shown in the overall enhancement (see Figs. 9 and 12 ). In the present study, uncertainty sources include thermocouple temperature measurement, IR temperature measurement, heater power, and heat loss. The uncertainty analysis is based on 95% confidence level.
The uncertainty associated with temperature measurement using the T-type thermocouples was 61 C or 1% whichever is greater. Therefore, for the temperature range in our tests, DT a ¼ 61 C. The error in temperature measurements using the IR camera DT f ¼ 60. 5 C is due to the emissivity of the paint. Based on the uncertainties associated with voltage and current measurements and heat loss, the uncertainty of heat flux 
The uncertainty analysis for the enhancement of total cooling E F:t is carried out using
The uncertainty analysis for the local convection heat transfer coefficient presented in Figs. 4, 7, and 11 can be quickly carried out using Eq. (23), which can be written as
Based on the temperature contours, it is reasonable to use T f ;2 $ 75 C for Fig. 4(c) , $60 C for Fig. 7 , and $45 C for Fig. 11 (b) combined with T a;2 $ 20 C and q 00 ¼ 578 W/m 2 . The calculation results in Dh c;2 =h c;2 $5% for all the tests.
Summary
This paper presents an experimental and analytical study on utilizing synthetic jets to enhance the free convection cooling from a vertical hot heat sink. To quantify cooling enhancement, an enhancement factor for convection cooling is defined as the ratio of two convection heat transfer coefficients: one for free convection and the other one for enhanced convection. A method is provided to obtain the convection heat transfer coefficients by excluding radiation heat transfer.
For the experimental tests, an IR camera is used for capturing thermal map of the heat sink surface under varied cooling configurations. With the experimental and analytical methods, cooling can be quantified both locally and globally for the entire heat sink. The experimental work starts with single-jet tests to investigate the effects of jet placement and orifice size on cooling enhancement. Using the selected single-jet configuration, multiple-jet tests with varied number of jets are conducted to understand how cooling performance changes with the number of jets.
The following conclusions can be drawn from current study:
(1) To enhance the free convection over a heat sink with relatively large area, it is preferred to have the jet flow spread and cover much of the area. This is based on the two findings from the single-jet tests.
(a) Higher enhancement is achieved by using the synthetic jet with larger orifice (x3 ¼ 15 mm). (b) Synthetic jet placed with on-fin orientation shows more enhancement. (2) To quantify the enhancement of convection cooling, the heat transfer by radiation should be excluded, and only the heat transfer by convection is considered. Analysis based on the total cooling performance underestimates the cooling enhancement of synthetic jets. (3) The enhancement of using multiple jets does not increase linearly with the number of jets, this is because JIF (enhancement contribution per jet) changes with the multiple-jet configuration. The JIF should be considered for developing and optimizing the cooling solutions of synthetic jets.
The experimental and analytical methods reported in the present study can be used for the enhancement of other heat sinks, for which the assisting flow (forced convection) is in the same direction of the assisted flow (free convection). The methods are also useful for future study on the relationship between local cooling enhancement and local air flow dynamics.
As pointed out earlier, the heat spreading in the heat sink is not negligible. Therefore, the assumption of uniform heat flux results in reduced accuracy for the local cooling analysis. To alleviate the deficiency in future research, an analytical method might be developed to evaluate local spreading heat flux using the measured surface temperature distribution, which is then combined with the uniform heat flux to calculate the local flux of heat rejection. 
